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Abstract
Organic Rankine cycles (ORCs) can be used for electricity production from low-temperature heat sources.
These ORCs are often designed based on experience, but this experience will not always lead to the most
optimal configuration. The ultimate goal is to design ORCs by performing a system optimization. In such
an optimization, the configuration of the components and the cycle parameters (temperatures, pressures,
mass flow rate) are optimized together to obtain the optimal configuration of power plant and components.
In this paper, the configuration of plate heat exchangers or shell-and-tube heat exchangers is optimized
together with the cycle configuration. In this way every heat exchanger has the optimum allocation of heat
exchanger surface, pressure drop and pinch-point-temperature difference for the given boundary conditions.
ORCs with plate heat exchangers perform mostly better than ORCs with shell-and-tube heat exchangers,
but one disadvantage of plate heat exchangers is that the geometry of both sides is the same, which can
result in an inefficient heat exchanger. It is also shown that especially the cooling-fluid inlet temperature
and mass flow have a strong influence on the performance of the power plant.
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1. Introduction
Low-temperature geothermal heat sources are widely available [1], but the electricity production efficiency is
low due to the low temperature. Many authors have tried to maximize the electricity production efficiency of
organic Rankine cycles (ORCs) [2–4] by optimizing the cycle parameters (pressures, temperatures and mass
flow rates). To perform such an optimization, simplifying assumptions are made about the components, but
these assumptions can have a strong influence on the performance and the cost of the ORC.
As already explained in our previous work [5], this issue is already touched upon in the literature. Mad-
hawa Hettiarachchi et al. [6] minimized the ratio of the total heat-exchanger surface and the net electrical
power produced by the cycle, for a fixed heat-exchanger configuration. Quoilin et al. [7] developed an ORC
model and plate heat exchanger models based on their experimental set-up, while neglecting the pressure
drop in the heat exchangers. They used these models to predict the performance of their set-up in different
working conditions. Shengjun et al. [8] maximized the performance of ORCs with shell-and-tube heat ex-
changers, while keeping the configuration of the heat exchangers fixed. Domingues et al. [9] optimized ORCs
with shell-and-tube heat exchangers for vehicle exhaust waste heat recovery and investigated the effect of the
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number of tubes in the shell-and-tube heat exchangers on the performance of the ORC. Another approach
was followed by Franco and Villani [10]. They divided the ORC in a system level and a component level.
In a first step, the system level was optimized, followed by the optimization of the configuration of the
components for the obtained optimal system configuration. An iteration between the optimization of both
levels was needed to come to the final solution.
To obtain the global optimum configuration of the ORC, the system and the components should be op-
timized together so that the configuration of the components is optimal for the use in the cycle and so that
the components are adjusted to each other. To perform such a system optimization, realistic models, which
describe the performance of the components depending on geometric parameters, are needed.
In this paper models for heat exchangers are implemented and included in the system optimization. Both
shell-and-tube heat exchangers and plate heat exchangers are discussed. In previous research [5] we have
performed a detailed investigation of shell-and-tube heat exchangers integrated in ORCs. The shell-and-tube
heat exchangers are modeled with the Bell-Delaware method [11, 12], which is a mature model and can be
used for single-phase flow, condensing and evaporation.
The purpose of our research reported in this paper is to integrate plate heat exchangers in ORCs and
to compare the result to that obtained with shell-and-tube heat exchangers. Martin [13] developed a model
for plate heat exchangers with single-phase flow. This model is based on physical reasoning and many ex-
perimental data are used. Such generally applicable models do not exist for two-phase plate heat exchangers
used as evaporators or condensers, although much research has been performed on the topic [14–20]. The
authors of those references propose correlations for heat-transfer coefficient and pressure drop based on own
experiments and these correlations are therefore only valid for the investigated cases. We shall utilize the
correlations of Han et al. [16] and Han et al. [17] for evaporation and condensation in plate heat exchangers,
respectively. These papers correlate the performance of plate heat exchangers to many geometrical param-
eters.
This paper extends the work performed in Walraven et al. [5], in which ORCs with shell-and-tube heat
exchangers are optimized for a reference case. The conclusion from that work is that it is optimal to use the
30◦ and 60◦ tube configurations in single and two-phase heat exchangers, respectively. In this paper, models
for plate heat exchangers are added and ORCs with plate heat exchangers are compared to ORCs with
shell-and-tube heat exchangers (with the optimal tube configuration). The influence of the heat-source-inlet
temperature, heat-source-outlet temperature, total heat exchanger surface, cooling-fluid inlet temperature
and the cooling fluid mass flow rate on the performance of the power plant are also investigated. The
comparison between ORCs with the two different types of heat exchangers is performed in a wide range of
parameters and for many fluids.
2. Organic Rankine cycle
Different types of ORCs exist and are simulated in this paper. The investigated cycles can be of the simple
or recuperated type, be subcritical or transcritical and can have one or two pressure levels. Two examples
are given in figure 1, in which the scheme of a single-pressure, recuperated ORC and a double-pressure, sim-
ple ORC are shown. All the possible heat exchangers (economizer, evaporator, superheater, desuperheater,
condenser and recuperator) are shown in the figure, but are not always necessary.
In all configurations it is assumed that state 1 is saturated liquid and that the isentropic efficiencies of
the pump and turbine are 80 and 85%, respectively. More information of the modeling can be found in pre-
vious work [4, 5]. Instead of assuming a fixed pinch point temperature difference and ideal heat exchangers,
models are used to calculate the heat transfer coefficients and pressure drops in each heat exchanger.
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Figure 1: Scheme of a single-pressure, recuperated (a) and double-pressure, simple (b) ORC.
3. Shell-and-tube heat exchanger
The shell-and-tube heat exchanger type has already been studied in Walraven et al. [5]. Here we now recall
some elements to support the later analysis with plate heat exchangers. TEMA E type heat exchangers
with a single shell pass and with the inlet and the outlet at the opposite ends of the shell are modeled. The
working fluid always flows on the shell side, so models for the pressure drop and heat-transfer coefficient in
single-phase flow, evaporation and condensation in a TEMA E shell are needed. The tube-side fluid (the
heat source) will always be single phase.
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Figure 2: Shell-and-tube geometrical characteristics. Figure adapted from Shah and Sekulic´ [12]. See also Walraven et al. [5].
Figure 2 recalls the basic geometrical characteristics of a shell-and-tube heat exchanger. These are the
shell outside diameter Ds, the outside diameter of a tube do, the pitch between the tubes pt, the baffle cut
length lc and the baffle spacing at the inlet Lb,i, outlet Lb,o and the center Lb,c. More detailed information
about the shell-and-tube model used in this paper can be found in Walraven et al. [5].
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4. Plate Heat Exchanger
Plate heat exchangers can have many different types of corrugations [12], but in this paper only heat
exchangers with chevron, also known as herringbone, corrugations are used. This type of corrugation is
commonly used and models which describe the pressure drop and heat transfer depending on the heat
exchanger geometry are available [13, 16, 17]. The number of passes on both sides of the heat exchangers
are assumed to be equal in this paper.
4.1. Geometry
Figure 3 shows the geometrical parameters of a chevron plate. The corrugations are determined by the
corrugation amplitude a, the corrugation width Λ and the angle of the corrugations β. The width of a plate
W , the length of a plate between ports Lp and the length of a plate for heat transfer Lh are also indicated.
Figure 3: Geometrical parameters of a chevron plate. Figure from Shah and Sekulic´ [12].
The hydraulic diameter is defined as:
Dh =
4a
Φ
, (1)
where Φ = 16
(
1 +
√
1 +X2 + 4
√
1 +X2/2
)
is the area-enlargement factor and X = 2piaΛ the dimensionless
corrugation parameter.
4.2. Heat-transfer and pressure-drop correlations
The correlations of Martin [13] are used to predict the heat-transfer coefficient and the pressure drop in the
single-phase heat exchangers. For the evaporator and the condenser, the correlations of Han et al. [16] and
Han et al. [17] are used, respectively. An overview of these correlations is given in Appendix A.
4.3. Implementation of the models
To account for non-uniform fluid properties, each heat exchanger is divided into five parts with an equal
heat load1. This number is chosen, because it leads to a reasonable accuracy and calculation time. For each
heat exchanger, the configuration (a, Λ, β and W Np), the inlet states at one side of the heat exchanger and
a necessary outlet condition (e.g. the working fluid has to be saturated vapor at the end of the evaporator)
are needed. The variables W and Np are combined to one variable, because only their product appears in
the equations. With these data, the total heat that has to be transferred in the case of no pressure drop2
can be calculated. In each of the five parts one fifth of this total heat will be exchanged. With the equations
above, the heat-transfer coefficient and the pressure drop in the first part can be calculated. In this way,
the state after the first part, the necessary heat-transfer surface and the fictive plate length of the first part
can be calculated. This procedure is repeated for the other parts, except in the last part for which the heat
to be transferred is corrected for the pressure drop in the previous parts.
1These parts generally do not have the same physical size.
2This is a starting value. The effect of the pressure drop on the heat load is taken into account in the last part of the heat
exchanger.
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5. Optimization
5.1. Objective function
The goal of the optimization is to find a system configuration which maximizes the mechanical work output
for a given heat source. This is the same as maximizing the exergetic plant efficiency [4], defined as:
ηplantex =
W˙net
m˙sourceesourcein
(2)
with W˙net the net mechanical-power production of the power plant, m˙
source the mass flow of the source and
esourcein the flow exergy of the source.
5.2. Optimization variables and constraints
The optimization variables which determine the cycle configuration in a single-pressure, simple cycle are the
temperature and saturation temperature at the pressure before the turbine T6 and T
sat(p6), the mass flow
of working fluid m˙wf and the temperature after the condenser T1. For a recuperated cycle, the tempera-
ture difference between states 2 and 8 is added as an optimization variable. For a double-pressure cycle, T b6 ,
T sat(pb6) and m˙
b
wf are added as optimization variables. More information can be found in Walraven et al. [5].
The optimization variables and constraints used for the plate-type heat exchangers are given in table 1.
Optimization variable Lower boundary Upper boundary
Corrugation amplitude a 1 mm 200 mm
Corrugation width Λ 1 mm 200 mm
Corrugation angle β 0◦ 90◦
Product of plate width and number of channels WNp 10 mm 10 m
Ratio of corrugation width to corrugation amplitude Λ/a 2.5 3.5
Table 1: Optimization variables and constraints used for plate-type heat exchangers and their lower and upper boundaries.
If no constraint on the heat-exchanger surface of each heat exchanger is imposed, the pinch-point-temperature
differences would become very small and the total heat exchanger surface would become huge. Therefore, a
non-linear constraint3 on the total heat exchanger surface of all heat exchangers together Atot is imposed:
Atot ≤ Atotmax. In this way, the optimizer can choose itself how to distribute the available surface optimally
amongst the different heat exchangers.
A last constraint is a limit on the heat source outlet temperature. In some circumstances, the heat source
outlet temperature cannot be too low, e.g. to use the heat source for heating or to avoid scaling with
geothermal brines. This is again a non-linear constraint: T sourceout ≥ T sourcemin .
Table 2 recalls the optimization variables and constraints for the shell-and-tube case, analyzed in Walraven
et al. [5].
5.3. Optimization approach
The cycle configuration is optimized together with the configuration of the heat exchangers, as done in
Walraven et al. [5]. This means that all the above mentioned optimization variables can be adapted at every
iteration step by the optimizer in order to maximize the exergetic plant efficiency. Fluid properties are
3Atot is a non-linear function of the optimization variables.
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Optimization variable Lower boundary Upper boundary
Shell diameter Ds 0.3 m 2 m
Tube outside diameter do 5 mm 50 mm
Relative tube pitch pt/do 1.15 2.5
Relative baffle cut lc/Ds 0.25 0.45
Baffle spacing Lb,c 0.3 m 5 m
Ratio of tube diameter to shell diameter do/Ds / 0.1
Table 2: Optimization variables and constraints used for shell-and-tube heat exchangers and their lower and upper boundaries.
obtained from REFPROP [21] and the complex-step derivative method [22] is used to obtain the derivative
of the fluid properties. These properties are available in Python, in which our model is written, by using
F2PY [23]. The CasADi software [24] calculates the gradient of the objective function and constraints
with automatic differentiation in reverse mode and these gradients are used by the optimizer WORHP [25]
together with the value of the objective function to find the optimum.
6. Results
6.1. Reference parameters
100 kg/s of clean water is used as the heat source. The parameters for the reference case are given in table
3. The influence of these parameters is investigated in the following sections. The temperature of the heat
source after the ORC is unconstrained and the ORC is of the simple, single-pressure type. In a previous
work [5] it was shown that it is best to use a 30◦- and 60◦-tube configuration in single-phase and two-phase
shell-and-tube heat exchangers, respectively. This combined configuration is used for the comparison in this
paper.
Parameter Symbol Value
Heat source inlet temperature T sourcein 125
◦C
Heat source mass flow m˙source 100 kg/s
Maximum allowed heat exchanger surface Atotmax 4000 m
2
Cooling fluid inlet temperature T coolingin 20
◦C
Cooling fluid mass flow m˙cooling 800 kg/s
Table 3: Reference parameters.
6.2. Influence maximum allowed heat-exchanger surface
In this section the influence of the maximum allowed heat exchanger surface is investigated. The other
parameters are the ones given in table 3. Figure 4 shows the exergetic plant efficiency for simple ORCs
with all plate heat exchangers or all shell-and-tube heat exchangers for different working fluids as a function
of the maximum allowed heat exchanger surface. The efficiency increases with increasing Atotmax, as expected.
This increase of the exergetic plant efficiency with increasing maximum allowed surface is explained by
the increase of the energetic cycle efficiency (figure 5) and the decrease of the heat-source outlet tempera-
ture (figure 6). So, more heat is added to the cycle and this heat is converted more efficiently to mechanical
power when the total heat-exchanger surface increases. This cycle efficiency is defined as:
ηcycleen =
W˙net
Q˙
(3)
with Q˙ the heat added to the cycle.
6
2,000 4,000 6,000 8,000 10,000
20
30
40
50
Maximum allowed surface [m2]
p
la
te
η
p
la
n
t
e
x
[%
]
Isobutane Propane
R134a R218
R227ea R245fa
R1234yf RC318
(a) Plate heat exchangers
2,000 4,000 6,000 8,000 10,000
20
30
40
50
Maximum allowed surface [m2]
s
h
e
ll
η
p
la
n
t
e
x
[%
]
Isobutane Propane
R134a R218
R227ea R245fa
R1234yf RC318
(b) Shell-and-tube heat exchangers
Figure 4: Exergetic plant efficiency for single-pressure, simple ORCs with all plate heat exchangers (a) and all shell-and-tube
heat exchangers (b) for different fluids.
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Figure 5: Energetic cycle efficiency for single-pressure, simple ORCs with all plate heat exchangers (a) and all shell-and-tube
heat exchangers (b) for different fluids.
For low values of Atotmax ORCs with all plate heat exchangers produce more electrical power than ORCs
with all shell-and-tube heat exchangers. It is generally known that plate heat exchangers can achieve higher
heat-transfer coefficients and therefore lower pinch-point-temperature differences as seen in figure 7. For
high values of Atotmax ORCs with all shell-and-tube heat exchangers perform equally well or even better. The
pinch-point temperature differences in figure 7 become very small and the efficiency of the ORCs almost
reaches the upper limit.
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Figure 6: Outlet temperature of the heating fluid for single-pressure, simple ORCs with all plate heat exchangers (a) and all
shell-and-tube heat exchangers (b) for different fluids.
For the working fluids R245fa, isobutane and RC318 the exergetic plant efficiency of ORCs with all shell-
and-tube heat exchangers is better than the one for ORCs with all plate heat exchangers for Atotmax >
2000, 3000 and 6000m2, respectively. Comparison of figures 7a and 7b shows that the pinch-point temper-
ature difference between the working fluid and cooling fluid ∆TLowmin decreases much faster in the case of
shell-and-tube heat exchangers with increasing Amax. This is due to fact that the cold and the hot side
of plate heat exchangers with the same number of passes at both sides have exactly the same geometry,
which is of course not the case for shell-and-tube heat exchangers. The mass flow of the cooling water is
much higher than the one of the working fluid, which can result in a large difference between the optimal
geometry of the cold side and the one of the hot side in a plate heat exchanger, leading to relatively high
pinch-point-temperature differences.
It can also be noticed from figure 7 that ∆THighmin is lower than ∆T
Low
min for subcritical cycles (e.g. Isobutane,
R245fa), while they are about equal for transcritical cycles (e.g. R227ea, R1234yf). Because of the high
cooling fluid mass flow, ∆TLowmin is relatively close to the average temperature difference, which applies also
to ∆THighmin in transcritical cycles. In subcritical cycles, ∆T
High
min is much lower than the average temperature
difference.
6.3. Influence heat-source inlet temperature
In this section the heat-source inlet temperature is varied between 100 and 150◦C, while keeping the other
parameters constant as given in table 3. It is seen from figure 8 that every fluid performs optimally for a
certain heat source-inlet temperature4. ORCs with all shell-and-tube heat exchangers have their maximum
plant efficiency at a lower heat-source inlet temperature than plate heat exchangers. A heat source with an
higher inlet temperature contains more energy and more energy will be transfered in the heat exchangers.
However, for a fixed maximum allowed heat-exchanger surface, the pinch-point-temperature differences will
increase with increasing heat-source inlet temperature. This increase will in most cases be faster if shell-and-
tube heat exchangers are used instead of plate heat exchangers. Higher pinch-point-temperature differences
4For some fluids this optimal temperature is outside the range of the figure
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Figure 7: Minimum temperature difference between working fluid & cooling fluid (a,b) and minimum temperature difference
between heating fluid and working fluid (c,d) for single-pressure, simple ORCs with all plate heat exchangers (a, c) and all
shell-and-tube heat exchangers (b, d) for different fluids.
have of course a negative influence on the exergetic plant efficiency and this efficiency will therefore start to
decrease earlier when shell-and-tube heat exchangers are used instead of plate heat exchangers.
6.4. Influence heat-source outlet temperature
Often the heat source cannot be cooled down too much; e.g. to avoid scaling in geothermal brines or when
the heat source after the ORC is used for heating. In this section, the heat-source outlet temperature will
be limited to values between 40 and 90◦C. The other values are the same as in the reference case (table
3), but only the results for ORCs with all plate heat exchangers are given. Both simple and recuperated,
single-pressure cycles are investigated.
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Figure 8: Exergetic plant efficiency for single-pressure, simple ORCs with all plate heat exchangers (a) and all shell-and-tube
heat exchangers (b) for different fluids. The parameters are those of Table 3.
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Figure 9: Exergetic plant efficiency for single-pressure, simple ORCs (a) and recuperated ORCs (b) with all plate heat ex-
changers for different fluids. Other parameters are those of Table 3.
Figure 9 shows the comparison between simple and recuperated cycles. When the heat-source outlet tem-
perature is limited to a relatively low temperature, both type of cycles perform equally wel as explained in
Walraven et al. [4]. When the limit is set at a higher temperature, the recuperated cycles perform better
than the simple ones. The internal heat recuperation increases the cycle efficiency, which leads to a higher
plant efficiency for a fixed heat-source outlet temperature.
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Figure 10: Exergetic plant efficiency (a) and ∆TLowmin (b) for single-pressure, simple ORCs with all plate heat exchangers for
different fluids. Other parameters are those of Table 3.
6.5. Influence cooling-fluid inlet temperature
The cooling-fluid inlet temperature is varied between 10 and 40◦C, while keeping the other parameters
constant (table 3). Only the results for ORCs with all plate heat exchangers are given, because the results
in the case of all shell-and-tube heat exchangers show the same trend. The exergetic plant efficiency decreases
linearly as shown in figure 10a, but the decrease is less strong than in the case when ideal components –
the results of the ideal case are shown in Walraven et al. [4] – are used. Figure 10b shows the pinch-point-
temperature difference between the working fluid and the cooling fluid. This temperature difference decreases
with increasing cooling-water inlet temperature, so that the condenser temperature remains relatively low.
6.6. Influence cooling-fluid mass flow
In this section the cooling-water mass flow is varied between 200 and 2000 kg/s. The other parameters are
given in table 3 and only the results for ORCs with all plate heat exchangers are shown; the results for
ORCs with all shell-and-tube heat exchangers are analogous. Figure 11a shows the exergetic plant efficiency
as a function of the cooling-water mass flow. At low values of the cooling-water mass flow, an increase
of this mass flow will lead to an increase in the plant efficiency. This efficiency reaches a maximum for a
mass flow of about 800 kg/s for ORCs with Propane and for a mass flow of about 1100 kg/s for ORCs
with Isobutane, R134a, R218 and RC318. For the other investigated fluids the maximum is reached at
higher mass flows. The same effect is also seen when shell-and-tube heat exchangers are used, but it is
then less strong. The maximum in the exergetic plant efficiency at a certain mass flow rate is explained
by figure 11b, which shows the minimum temperature in the condenser. This temperature decreases with
increasing cooling water mass flow, which results in a better plant efficiency. The pressure drop in the
cooling water increases on the other hand. The combination of the increasing pressure drop and increasing
mass flow results in an increasing pumping power. This effect becomes more important than the decreasing
condenser temperature, which results in a maximum plant efficiency for a certain cooling fluid mass flow rate.
Figure 11c shows the pinch-point-temperature difference in the condenser. If the cooling fluid mass flow rate
increases, the cooling-fluid outlet temperature will decrease and the curve of the cooling fluid will become
flatter in a temperature-heat diagram. In order to keep the average temperature difference in the condenser
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Figure 11: Exergetic plant efficiency (a), minimum temperature in the condenser (b) and ∆TLowmin (c) for single-pressure, simple
ORCs with all plate heat exchangers for different fluids.
more or less constant (the total amount of available heat exchanger surface is limited), the pinch-point-
temperature difference in the condenser has to increase.
6.7. Influence number of pressure levels
The effect on the plant efficiency of adding extra pressure levels is shown in figure 12a. The reference param-
eters are used (table 3) and the results for both plate heat exchangers and shell-and-tube heat exchangers
are shown.
Adding an extra pressure level to subcritical cycles (Isobutane, Propane, R134a, R245fa) has a positive effect
on the plant performance. Transcritical cycles do not use the second pressure level and their plant efficiency
remains therefore constant. Double-pressure, subcritical cycles can cool down the heat source more than
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Figure 12: Exergetic plant efficiency (a) and heat source outlet temperature (b) for simple ORCs with all plate heat exchangers
or all shell-and-tube heat exchangers for different fluids.
single-pressure subcritical cycles (figure 12b) and obtain better plant efficiencies, while the energetic cycle
efficiency remains about constant when adding a second pressure level.
7. Conclusions
The system optimization of different configurations of ORCs with both plate heat exchangers and shell-
and-tube heat exchangers is compared in this paper. Models for heat exchangers used in single-phase flow,
evaporation and condensation which are available in the literature are implemented and added to a previous
developed ORC-model.
It is shown that ORCs with all plate heat exchangers perform mostly better than ORCs with all shell-
and-tube heat exchangers. The disadvantage of plate heat exchangers with an equal number of passes at
both sides of the exchanger is that the geometry of both sides of the heat exchanger are identical, which can
lead to an inefficient heat exchanger when the two fluid streams require strongly different channel geometries.
The influence of the maximum allowed heat-exchanger surface, heat-source inlet temperature, constraint
on the heat-source outlet temperature, cooling-fluid inlet temperature and mass flow and the number of
pressure levels on the performance of the ORC have been investigated. It is shown that the efficiency of an
ORC increases with increasing heat-exchanger surface and that every fluid has a heat-source inlet temper-
ature for which the plant efficiency is maximal. Recuperated ORCs are only useful when the heat-source
outlet temperature is constrained and the best double-pressure subcritical ORCs perform better than the
best single-pressure transcritical cycles.
The cooling-fluid inlet temperature and mass flow have a strong influence on the performance of the ORC.
The next step in the system optimization is to model the cooling system and to include it in the optimization.
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Nomenclature
Greek
β Corrugation angle [◦]
∆p Pressure drop [Pa]
∆T Temperature difference [◦C]
η Efficiency [-]
Λ Corrugation width [m]
µ Dynamic viscosity [Pa s]
Φ Area enlargment factor [-]
ρ Density [kg/m3]
θ Angle [◦]
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Roman
a Corrugation amplitude [m]
A Area [m2]
Bo Boiling number [-]
cp Specific eat capacity [J/kgK]
do Tube outside diameter [m]
D Diameter [m]
e Specific exergy [kJ/kg]
G Mass velocity [kg/m2s]
h Heat transfer coefficient [W/m2K]
Specific enthalpy [J/kg]
lc Baffle cut length [m]
Lb Distance between baffles [m]
Lh Length of a plate [m]
Lp Distance between ports [m]
m˙ Mass flow [kg/s]
Nu Nusselt number [-]
p Pressure [bar]
Pr Prandtl number [-]
pt Tube pitch [m]
Q˙ Heat flow [kW]
Re Reynolds number [-]
T Temperature [◦C]
W Plate width [m]
W˙ Mechanical power [kW]
X Corrugation parameter [-]
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Sub-and superscripts
0 Dead state
1− 9 Number of the state
ac Acceleration
cycle Cycle
en Energetic
ex Exergetic
fr Frictional
h Hydraulic
id Ideal
in Inlet
max Maximum
min Minimum
net Nett
l Longitudinal
otl Outermost tubes
out Outlet
plant Plant
s Shell
source Heat source
t Transverse
tot Total
wf Working fluid
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Appendix A. Heat transfer and pressure drop correlations
The heat-transfer and pressure-drop correlations used in this paper are given in this appendix.
A.1. Single-phase heat transfer and pressure drop
The model of Martin [13] is used to calculate the pressure drop and heat transfer coefficient in chevron-type
plate heat exchangers for single-phase flows. The frictional-pressure drop for single-phase flow in one plate
is given by: [
∆pplatesingle
]
fr
= 4
fplatesingleLp
Dh
G2
2ρ
, (A.1)
with fplatesingle the Fanning friction factor, G =
m˙
2aWNp
the mass velocity and Np the number of channels. The
Fanning friction factor is given by:
1√
fplatesingle
=
cosβ(
0.045 tanβ + 0.09 sinβ + f0cos β
)0.5 + 1− cosβ√3.8f1 , (A.2)
with f0 the Fanning friction coefficient if β = 0
◦ and f1 the Fanning friction coefficient if β = 90◦. These
coefficients are given by:
f0 =
{
16
Re for Re < 2000
(1.56 lnRe− 3.0)−2 for Re ≥ 2000 , (A.3)
f1 =

149.25
Re + 0.9625 for Re < 2000
9.75
Re0.289 for Re ≥ 2000
, (A.4)
where Re = GDhµ is the Reynolds number.
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The hydrostatic-pressure drop is neglected because the fluids flow alternately up and down and the hydro-
static pressure drop is therefore alternately positive and negative. Both are about equal and can therefore
be assumed to neutralize each other.
The heat-transfer coefficient is calculated as:
h =
k
Dh
0.205Pr1/3
(
µm
µw
)1/6
(fplatesingleRe
2 sin 2β)0.374, (A.5)
with µm the viscosity of the bulk fluid and µw the viscosity of the fluid at the wall. The difference between
these viscosities is neglected. Pr is the Prandtl number.
A.2. Heat transfer and pressure drop while evaporating
Han et al. [16] developed correlations for the pressure drop and heat transfer in chevron-type plate heat
exchangers during evaporation. The frictional pressure drop in one plate during evaporation is:[
∆pplateevap
]
fr
= 4
fplateevap Lp
Dh
G2eq
2ρl
, (A.6)
with Geq the equivalent mass velocity, defined as:
Geq = G
[
1− x+ x (ρl/ρv)1/2
]
, (A.7)
where ρl and ρv are the densities of saturated liquid and saturated vapor, respectively.
The correlation for the Fanning friction factor is given by:
fplateevap = c1Re
c2
eq, (A.8)
with
c1 = 64 710
(
Λ
Dh
)−5.27
β−3.03, (A.9)
c2 = −1.314
(
Λ
Dh
)−0.62
β−0.47, (A.10)
Reeq =
GeqDh
µl
. (A.11)
The acceleration pressure drop is given by:
ac∆pplateevap =
(
G2eqx
ρl − ρv
)
out
−
(
G2eqx
ρl − ρv
)
in
. (A.12)
The heat transfer coefficient is correlated as:
h =
k
Dh
c3Re
c4
eqBo
0.3
eq Pr
0.4
l , (A.13)
with:
c3 = 2.81
(
Λ
Dh
)−0.041
β−2.83, (A.14)
c4 = 0.746
(
Λ
Dh
)−0.082
β0.61, (A.15)
Boeq =
q˙
Geq(hv − hl) . (A.16)
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Boeq is the equivalent boiling number.
The experiments performed by Han et al. [16] were done for β = 45, 55 and 70◦, G = 13 - 34 kg/m2s
and a heat flux of 2.5 - 8.5 kW/m2, while using R22 and R410a as working fluids.
A.3. Heat transfer and pressure drop while condensing
The correlations for the pressure drop and the heat transfer coefficient while condensing are given by Han
et al. [17] and are analogous to the ones for the evaporation, albeit with differently defined coefficients ci
and h:
[
∆pplatecond
]
fr
= 4
fplatecond Lp
Dh
G2eq
2ρl
, (A.17)
fplatecond = c5Re
c6
eq, (A.18)
c5 = 3521.1
(
Λ
Dh
)4.17
β−7.75, (A.19)
c6 = −1.024
(
Λ
Dh
)0.0925
β−1.3, (A.20)
h =
k
Dh
c7Re
c8
eqPr
1/3
l , (A.21)
c7 = 11.22
(
Λ
Dh
)−2.83
β−4.5, (A.22)
c8 = 0.35
(
Λ
Dh
)0.23
β1.48. (A.23)
The experiments performed by Han et al. [17] were done for β = 45, 55 and 70◦ and G = 13 - 34 kg/m2s,
while using R22 and R410a as working fluids.
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